JOURNAL OF SPACECRAFT AND ROCKETS
Vol. 39, No. 5, September—October 2002
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A rationale is presented for defining structural requirements for future large space telescope systems. The ratio-
nale is based on boundinglinear analyses for the deformation of telescope mirrors in response to expected on-orbit
disturbanceloads and consideration of active control systems that partially compensate for these deformations. It is
shown that the vibration frequency of the telescope structure, independent of telescope size, determines the passive
structural stability and requirements for an active control system. This means that future large telescopes with low
vibration frequencies will necessarily allocate increased active control error budget in proportion to the square of
the vibration frequency. Parametric analyses are also presented for the vibration response of two representative
mirror architectures: a tensioned membrane mirror and a truss-supported segmented mirror. These examples
demonstrate that meeting a specified frequency requirement will require a trade between structural mass fraction
and depth of the primary mirror support structure regardless of the structural architecture.

Nomenclature
(A} = inertial acceleration vector, m/s? (in./s?)
|A;] = magnitude of inertial acceleration vector,
m/s? (in./s?)
a = nth mode participation factor for acceleration
Arims = rms magnitude of acceleration vector, m/s? (in./s?)
Dpjaee = equivalentbending stiffness of truss-supported
segmented reflector, N - m (Ibf - in.)
d = diameter of telescope mirror, m (ft)
(EA)orus = circumferential stiffness of torus structure, N (Ibf)
(EAL)ys = averageaxialstiffness times length of truss member,
N - m (Ibf-in.)
(ED;orus = flexural stiffness of torus structure,
N-m? (Ibf-in.?)
(E/P)torus specific modulus of torus structure, m?/s? (in.2/s?)
(E/p)wss = specific modulus of truss structure, m?/s* (in.2/s?)
{F;} = d’Alembert inertial force vector, N (Ibf)
fo = lowest frequency, Hz
h = depth of mirror support structure, m (ft)
[K] = stiffness matrix, N/m (Ibf/in.)
k = solarreflectance coefficient
[M] = mass matrix, kg (Ibm)
M fector = mass of reflector surface, kg (lbm)
M ucture = mass of reflector support structure, kg (Ibm)
Npanels = number of reflector panels
in truss-supported segmented reflector
Nrings = number of rings of reflector panels

in truss-supported segmented reflector
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Niiruts = number of truss struts in truss-supported
segmented reflector

Dsolar = solar pressure, N/m? (Ibf/in2)

R = orbital radius, m (ft)

Roiar = distance from sun, astronomical units

orb = orbital period, s

Toew = slew period, s

{X;} = displacementresponse vector, m (in.)

{X,} = nth eigenvector, that is, normal mode, m (in.)

Xy = nth mode participation factor for displacement

Xims = rms magnitude of displacement vector, m (ft)

¢ = modal damping coefficient

n = structural mass fraction

K = structural load factor

o = gravitational attraction force, m*/s? (in.%/s?)

(pAL)ys = mass of truss member, kg (Ibm)

Pareal = averageareal density of reflector system,
kg/m? (Ibm/in2)

Wy = ntheigenvalue,s™!

N = lowesteigenvalue,s™!

Introduction

HE past several decades have been a period of dramatic rev-

olution in technologies and concepts for large telescopes for
both ground and space applications. Two important enabling tech-
nologies that have evolved substantially are active alignment con-
trol of optical segments and adaptive correction of optical wave
front errors. For ground-based telescope systems, these active con-
trol technologies have been applied mainly in efforts to correct for
poor “seeing” conditionsthrough the Earth’s atmosphere. For space-
based telescope applications, these active control technologieshave
the potential to make practical much larger and lighter weight tele-
scope designs by reducing the requirements for passive stability in
the telescope structure.

Traditionally, telescope designs have achieved the necessary pas-
sive stability through the use of thick optical segments made of
stable (but low specific stiffness) materials and massive metering
structures. In the future, and especially for space-based telescope
applications, it is clear that more efficient materials and struc-
tural concepts will be used to reduce mass and that active con-
trol systems will be used to compensate for instabilities in the
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structure. An important question is then, what rationale should
be applied in suballocating system stability requirements between
the structure and the active control systems for future large space
telescopes?

To answer this question it is necessary to have some insight into
the design of both active control systems and structures. Specifi-
cally, it is necessary to appreciate the total “cost,” that is, financial
burden, development risk, system mass, etc., of exclusively active
and exclusively passive designs. Also, it is necessary to understand
the “cost breakpoints” on dimensional stability, that is, the dimen-
sional stability above or below which either the passive or the active
solutions become excessively costly.

This paper will discuss several issues that affect substantially the
conceptual design of a telescope structure. These issues include the
overall size and mass goals of future missions, the on-orbit distur-
banceload environment, and the efficiency of various structuralcon-
cepts. One purposeof this paperis to providea means for quantifying
the cost of achieving a particular dimensional stability requirement
passively through proper structural design. Implicitly, these analy-
ses are intended to provide a reasonable and thoughtful basis for
one to begin assessing quantitatively the cost breakpointsin passive
structural design. Ultimately, it is hoped that these analyses will
stimulate a movement toward the applicationof disciplined, analyt-
ically grounded (and less arbitrary) rationale for the suballocation
of overall dimensional stability requirements between the structure
and the active control systems.

Itis hoped that the present paper will provoke the developmentof
similar analyses to characterize the cost and cost breakpoint of ac-
tive controlsolutionsso that, ultimately, futuresystemengineers will
have a more complete set of tools with which to perform thoughtful
system trade studies. By itself, the present paper is intended to pro-
vide a basis for the definition of top-level structural requirements
that are derived from the first principlesof structuraldesign and that
are at least consistent with a broad understanding of the capability
and cost of active control systems.

Future Trends in Astronomical Space Telescopes

The future science goals of the ultraviolet-optical-infrared
(UVOIR) astronomy community include detailed study of the birth
and evolutionof distant galaxiesand planetary systems.! The princi-
pal space-basedobservatory under developmentto make these mea-
surements is the Next Generation Space Telescope (NGST).? The
8-m-diam aperture of the NGST will be capable of imaging fainter
objectsin shorterintegrationtimes and, hence, will deliver more sci-
ence through-put than the current Hubble Space Telescope (HST).
However, with 10 times the collecting area and approximately the
same mass as the HST primary mirror, the NGST primary mirror will
have much lower vibration frequencies and be much more sensitive
to on-orbitloading than the HST mirror. Two factors that distinguish
the NGST mirror from the HST mirror, and that allow the NGST
mirror to be so much larger and lighter weight, are the use of active
alignment control and the selection of an orbit that is a very benign
loading environment.

Beyond NGST, the UVOIR astronomy community is envision-
ing even larger filled-aperture space telescopes and interferome-
ters. Specifically, 20-m-class filled-aperture space telescopes are
envisioned after 2010. Recent studies of 20-m-class space tele-
scopes have focused on “gossamer” telescopes, which are extremely
lightweight, having areal densities possibly on the order of 1 kg/m?.
Such telescopes would use thin membrane optics coupled with ac-
tive wave front control. Most likely, these mirrors will have less
stiffness, that is, lower frequencies, than the NGST mirror and will
be much more sensitive to disturbance loads.

Traditionally, ground-based telescope systems have been de-
signed to exhibit vibration frequencies on the order of hundreds
of hertz. Experience has shown that systems with frequencies this
high tend to exhibit sufficiently small elasticresponse such that they
maintain alignment while being slewed in the presence of Earth’s
gravity. Of course, the inertial loads for space-based telescopes are
substantially lower than the inertial loads for ground-based tele-
scopes. This benign loading environment, coupled with the ex-
pected use of active control systems on future space telescopes,

demands thoughtfulreconsiderationof vibration frequency require-
ments. Specifically, it is clear that future space-based telescope op-
tics will not be required to exhibit fundamental frequencies as high
as several hundred hertz (as was the case for HST). In fact, reducing
vibration frequency requirements is necessary to achieve the large
size and low masses projectedfor future space-basedtelescopes.The
next section develops the analytical basis for establishing structural
requirements for future space-based telescopes.

Disturbance Loads and Structural
vs Active Control Requirements

The disturbance loads that can affect the dimensional precision
of a large space telescope include thermal loads, inertial loads (e.g.,
slew loads, gravity gradient loads, and solar-pressure loads), and
loads from onboard machinery, for example, control moment gyros
and cryocoolers. Thermal loads are not considered in the present
study, but are of critical importance in the selection of materials and
the use of thermal control systems.

In general, inertial loads are slowly varying in time, and optical
distortions due to these loads can be estimated by static-response
analysis. Disturbance loads from onboard machinery are typically
broadbandin frequencycontentand can lead to structuralresonances
if the disturbances are not attenuated to acceptable levels through
active or passiveisolation systems. It will be shown that linear anal-
yses can provide reasonable upper bounds for the optical distortions
to both inertial and onboard disturbance loads.

Effect of Frequency on Response to Quasi-Static Inertial Loads
An upper bound on the rms deformationin a telescope mirror due
to a quasi-staticinertial load is derived in Appendix A and given by

[
Xrms = 47T2f02 (1)

where f; is the fundamental natural frequency of the telescope mir-
ror (in hertz) and a,, is the rms magnitude of the acceleration asso-
ciated with the disturbance load. Note that Eq. (1) does not include
any structural dimensions. This result implies that two different
sized telescopes with equal vibration frequencies can be expected
to have similar response magnitudes for the same inertial distur-
bances.

Figure 1 presents a plot of Eq. (1) for four values of the fun-
damental natural frequency f; (ranging from 0.1 to 100 Hz). The
abscissarepresents the inertial disturbance magnitude a,,,s (in grav-
itational acceleration units) and the ordinate represents the elastic
deformationmagnitude x,,,,. Overlaid within Fig. 1 are approximate
disturbance-rejectian bands for both ground and space telescopes.
These bands indicate the rough order of magnitude upper and lower
bounds on disturbance accelerations and response magnitudes that
must be accommodated for by the telescope structure and/or active
alignment control system. (See Appendix B for order of magnitude
analysis of inertial disturbance loads for space telescopes.)

Figure 1 provides a means for estimating rough order of magni-
tude active control system requirements. Given a value of structural
response frequency, the line associated with that frequency provides
an upper bound on the elastic response of the structure across the
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Fig. 1 Relationship between displacement, acceleration, and fre-
quency for quasi-static loading.
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spectrum of quasi-staticdisturbanceloads. Therefore, the portion of
the disturbance-rejection band above the response frequency line is
accommodated passively by the inherent stiffness of the structure.
On the other hand, the portion of the disturbance-rejectim band
below the response frequency line must be accommodated by the
active control system.

Ground telescopes typically exhibit vibration frequencies on the
order of hundreds of hertz. Figure 1 indicates that ground telescope
systems with frequenciesthis high can be expected to accommodate
most inertial disturbances passively. Similarly, the HST exhibits
fundamental frequencies well above 100 Hz, and Fig. 1 indicates
thatthis frequencyis highenoughto accommodateessentiallyall on-
orbit disturbances passively. On the other hand, the primary mirror
of the NGST is expected to exhibit a fundamental frequency on
the order of 10 Hz. This frequency is high enough to accommodate
most expected disturbancespassively. To accommodate all possible
disturbances, the NGST mirror will also incorporate quasi-static
realignment capability in its primary mirror.

Another important observation about future gossamer architec-
tures can also be made from Fig. 1. The sensitivity of the structure
to disturbances increases with the square of the decrease in struc-
tural frequency.Figure 1 indicates that a 0.1-Hz gossamer telescope
can tolerate only nano gravitational acceleration unit disturbances
passively; thus, such a telescope will be a nearly completely active
system. In fact, a telescope with a 0.1-Hz frequency would require
an active control system with 10,000 times more authority than is
planned for NGST. Clearly, in this case, the cost of increased struc-
tural mass for higher frequency must be balanced against the cost
andrisk associated with a 10,000-foldincreasein control capability.

Furthermore, the analyses in Appendix B suggest that, although
it is possible to reduce inertial loads by prudent selection of orbit
and operational considerations, for example, slew-rate limitations,
it is also prudent to assume some lower limit of uncertainty for in-
ertial loading that must be tolerated by the mirror. For example, it
might be reasonable to assume that any mirror system must tolerate
at least 1 pg of uncertainty in inertial loading during operations.
From Fig. 1, a 1-pg inertial disturbanceresults in a few nanometers
of deformation in a 10-Hz system and a few hundred nanometers
of deformation in a 1-Hz system. Clearly, a 1-ug uncertainty in
inertial loading is of little consequence to a mirror with a 10-Hz
first frequency, but it could be significant to a mirror with a 1-Hz
first frequency. Similarly, a 0.1-Hz mirror would experience many
micrometersof deformation. This illustratesthe importanceof main-
taining a reasonably high-frequencyrequirementeven for gossamer
membrane mirrors.

Effect of Damping on Response to Broadband Loads

As mentioned earlier, the main sources of dynamic loads for a
space telescope are onboard machinery such as cryocoolers and
reaction-control wheels. Typically, the disturbance spectra from
these devices will be attenuated to acceptable levels through ac-
tive or passive isolation systems. However, some residual dynamic
disturbance s to be expected.

Next to fundamental frequency, the most important parameter for
determiningthe responseof a telescope structureto dynamicloading
is damping. In general, the dynamic response to a broadband load
will depend on the modal complexity and the specific power spectral
density of the load. However, it is possible to gain design insight
by considering the special case of a nearly harmonic load because
many dynamic disturbances onboard spacecraft are harmonic. In
this case, the upper bound on response to dynamic loading is

.. < (L) _Grms_ )
™=\ 2¢ ) An2 fR

A typical value for damping in mechanicallyjointed telescopestruc-
turesis ¢ ~ 0.01 (or 1%), which leads to a magnification factor (1/2¢
of 50. It is hard to estimate the damping to be expected in a mem-
brane gossamer telescope, but it is reasonable to assume that damp-
ing couldbe somewhathigherthanin mechanicallyjointed telescope
assemblies, for example, ¢ ~0.01-0.05 (or 1-5%) might be typi-
cal. In either case, membrane or mechanically jointed telescopes,
dynamic disturbancesthat encompassthe fundamental frequency of

the structurecan cause deformationsone to two orders of magnitude
larger than deformations from quasi-static loading.

In general, passive damping in an optical system is a double-
edged sword. Damping is desirable to mitigate distortions due to
broadband disturbances. However, in state-of-the-art precision de-
ployablestructures (includingNGST), damping is intentionallykept
to a minimum to minimize microdynamic dimensional instability?
In addition, many future space telescopes are being designed to op-
erate at cryogenic temperatures where passive material damping is
expectedto be substantiallylower than 1%. Therefore, althoughone
might prefer to have high passive damping to mitigate broadband
disturbances, it is likely that passive damping will be low in fu-
ture space telescope systems. This result indicates the importance
of attenuating broadband dynamic disturbances through isolation
or augmented damping of the telescope structure. This result also
indicates the importance of designing the fundamental frequency of
the telescope assembly as high as possible.

Trade Between Structural Depth and Mass Fraction

This section is intended to convey some insight into the prob-
lem of designing a large optical reflector to meet a specified fre-
quency requirement. Two mirror architectures are considered: a
truss-supported segmented reflector and a tensioned membrane re-
flector. Through approximate analyses, explicit analytical expres-
sions are derived for the fundamental frequencies of both reflec-
tors. These expressions are written in terms of three key design
parameters for the reflector support structure: structural mass frac-
tion, depth-to-diameterratio, and material specific stiffness. Finally,
these expressions are used to illustrate the trade that can be made
between mass fraction and depth to achieve a specified vibration
frequency.

Truss-Supported Segmented Reflector

A truss-supported segmented reflector is shown in Fig. 2. Anal-
yses of the free—free vibration of reflectors of various sizes are pre-
sented in Ref. 4. In these analyses, the reflector panels, mechanical
joints, and any other nonstructural components are treated as para-
sitic mass, and the stiffness is determined from the truss only. The
fundamental vibrationmode was found to be an anticlasticbending,
that is, “saddle,” mode of the reflector system.

From the results in Ref. 4, it can be shown that the fundamen-
tal free—free vibration frequency (in hertz) of a truss-supported
segmented reflector with small depth-to-diameter ratios, that is,
h/d < 0.2, can be approximated by

3.343 [Dyye o
d? Pareal

where Dy and pqear are the equivalentbending stiffness and areal
density of the reflector given, respectively, by

(f(l)scgmcmcd =

V3(EAL) s,
Dplalc =
4
1 ]Vslruls (pAL)Iruss }
Pareal = (4)
R [ 33/3d2 /3

The parameters (EAL)y,s and (pAL)yss in Eq. (4) are the average
axial stiffness (times length) and mass, respectively, of each strutin

Fig. 2 Truss-supported segmented reflector.
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Fig. 3 Part counts and diameter-to-depth ratios for truss-supported
segmented reflectors.

%ﬁ@

the support truss. Ngyy is the number of struts in the support truss,
and 7 is defined as

truss mass

n 3)

total mass

Substituting Eqs. (4) into Eq. (3) and simplifying gives

(f())scgmcmcd = (1773/d) \Y, (n/Nslruls)(E/p)u-uss (6)

Figure 3 presents three truss-supportedsegmented reflectors with
two to four rings of reflector panels, respectively. Also included in
Fig. 3 are the number of reflector panels and truss struts associated
with each reflector geometry and general expressions for these part
counts as functions of the number of rings of panels, Ny Finally,
Fig. 3 includes a general expression for the truss depth ratio /2 /d as
a function of Nyng,. From these expressions, it can be shown that

N o 13 7
struts 3(h/d)2

Substituting Eq. (7) into Eq. (6) gives
(f(l)scgmcmcd = (0852/d)(h/d) \Y r}(E//O)Iruss (8)

Equation (8) is an approximate expression for the fundamental
free—free vibration frequency (in hertz) of a truss-supported seg-
mented reflector. The frequency is proportional to the depth-to-
diameterratio i /d, the square root of the structural mass fraction,
and the specific modulus E /p of the truss. Also, the frequencyis in-
versely proportionalto the diameter d. Figure 4 plots this frequency
for two diameters, 10 and 100 m andrangesof n and /2 /d. In Fig. 4, it
isassumed thatthe supporttrussis made of acompositematerial with
E =104 GPa (15 x 10% psi)and p =0.0017 kg/cm?* (0.06 Ibm/in.?),
hence (E /p)guss = 61.2 x 10° m?/s2 (9.5 x 10 in.>/s?).

The upper grid of datapointsin Fig. 4 is associated with a reflector
diameterof 10 m and the lower grid of datapointsis associatedwith a
reflector diameter of 100 m. The grids are identicaland separatedby
one order of magnitude in frequency. A log scale is provided on the
right for interpolatingto other values of diameter. Figure 4 (or a sim-
ilar plot for another value of E/p) provides a convenient means for
quickly assessing the trade between truss depth ratio and mass frac-
tionfora givenfrequencyrequirementanda givenreflectordiameter.

Tensioned Membrane Reflector

This section presents analysis of the fundamental vibration fre-
quency of a flat circular membrane reflector that is tensioned by
a toroidal compression structure (Fig. 5). These analyses should
indicate the performance to be expected out of other tensioned
membrane reflector designs, for example, singly curved and doubly

100 £
10 £
ffHz 1 —
0.1 E
r _ truss mass
001 — ~ ‘total mass

Fig. 4 Approximate frequency of truss-supported segmented reflec-
tor: (E/p)yuss =61.2 X 10° m?/s%.

Oblique View Reflector Dimensions

Fig. 5 Circular membranereflector tensioned by a perimeter toroidal
structure.

Fig. 6 Load distribution within a circular membrane and a toroidal
tensioning structure.

curved membranes. The key design considerationincluded in these
analyses is that the perimeter structure must be sized with sufficient
strength, that is, depth, to react the tension load that it applies to the
membrane.

A fundamental vibration mode of a membrane tensioned by a
perimeter structure can be either a pure membrane mode or a cou-
pled membrane and perimeter structure mode. For simplicity, the
vibration mode considered herein is the fundamental mode of the
membrane. It is assumed that the perimeter structure provides suf-
ficient stiffness such that the edge of the membrane is motionless
and that the stress field throughout the membrane is constant and
uniform. Figure 6 presents the loading condition that exists between
the membrane and the perimeter structure.
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Blevins® showed that the fundamental lateral frequency of a
circular tensioned membrane that is pinned along its boundary is
(in hertz)

(f(l)mcmbranc == 0678 q/Mmcmbranc (9)

where g is the uniformsstressresultantassociated with the membrane
tension, that is, in-plane stress times thickness, and Myemprane 1S the
mass of the membrane.

The perimeter structure must have adequatedepth and stiffnessto
resistlateralbucklingin reactionto the membrane tension g (Fig. 6).
The critical stress resultant g, for a circular toroidal beam is®

9o = [24(El)loru§/d3]{1/[l + (EI/4GJ)I°“’S]} (10)

where EI and GJ are the flexural and torsional stiffnessesofthe torus.
If the torus cross section is circular, J =21, and if the torus material
isisotropic, G = E /[2(1 + v)] ~ 3 E /8. Thus, Eq. (10) simplifies to

Gor = 18(ED) s [ &° (11)

It is possible to relate the critical buckling stress of the torus g,
to the membrane tension g by introducing the structural load factor

K =q [qe, OF
4 = kG = 18 (EDonss [ &° (12)

Substituting Eq. (12) into Eq. (9) and simplifying gives

18k (ET) orus

membrane = Y. 7 IRV 1
(fO) ° 0678 d3Mmcmbranc ( 3)

If the torus has a thin circular cross section with a diameter &, the
flexural stiffness of the torus (EI),s can be written as

(EDorus = (h? /8)(EA)orus (14

where (EA) 18 the extensional stiffness of the cross section. Sub-
stituting Eq. (14) into Eq. (13) gives

9K h? (EA)IOI'US
membrane — * 7 ABM
(f(l) b 0.678 4d3 M embrane

0 678\/ 9Kh2EIorus [(pA)Iorusﬂd]
' 4w d* Prorus Mmcmbranc

0574 ( h E Morus
== )/cl=) == a5
d d P torus Mmcmbranc

Similar to Eq. (5) for the structuralmass fraction of the segmented
reflector, a structural mass fraction can be defined for the membrane
reflector as

Mlorus
Mlorus + Mmcmbranc

n (16)

Rearranging Eq. (16) and substituting the result into Eq. (15) gives
the following fundamental frequency:

0.574 (1 [€nE/p)ene
PN o

Figure 7 presents a plot of Eq. (17) for ranges of the diameter,
mass fraction, and depth ratio. In Fig. 7, it is assumed that the
membrane tension load is one-half the load required to buckle the
torus, that is, k = £, and the torus is made of an isotropic material
with (E/p)ierus =61.2 x 10® m?/s? (9.5 x 10" in.%/s?).

Compare the equations for fundamental vibration frequency of
the truss-supported segmented reflector [Eq. (8)] and the tensioned
membrane reflector [Eq. (17)]. Both frequencies are inversely pro-
portional to the diameter of the reflector d, proportionalto the depth
ratio of the support structure & /d, and proportional to the square

(f(l)mcmhranc =

100 g
10 :70'
fiHz 1
- o
01 F—
C ) ‘05
B d _ truss mass
0.01 —

Y = total mass
;N}*

Fig. 7 Approximatefrequency of tensioned membrane reflector: < = %
and (E/p)yorus = 61.2 X 10% m?/s2.

root of the specific modulus of the support structure E/p. In addi-
tion, for small structural mass fractions, for example, n > 0.2, both
frequenciesare approximately proportionalto the square root of the
mass fraction. The main difference between Eqs. (8) and (17) is the
numerical constant and the presence of the structural load factor «
in Eq. (17).

This comparison allows one to draw some general conclusions
about the design of large-reflector structures. First, the similar form
of Eqgs. (8) and (17) suggests that other mirror architectures might
exhibit similar vibration frequency relationships. Second, the key
structural design parameters that affect the vibration frequency are
structural mass fraction n and depth-to-diameterratio & /d. Specif-
ically, for a given frequency requirement, an increase in structural
depthallowsadecreasein structuralmass and vice versa. Ultimately,
the designers of future space telescopes must find an appropriate
balance between structural depth and structural mass to satisfy a
vibration frequency requirement.

Rationale for Defining Structural Requirements

As stated by Hedgepeth,” “the rational design of all structures
must start with a definition of the task or function of the structure.”
Stated another way, without a clear definition of requirements for
the structure, it is impossible to develop a design for the structure
that can be verified.

It has been shown that fundamental frequency and damping are
the most significant performance metrics for determining passive
stability of a telescope structure. It has also been shown that struc-
tural mass fraction and depth ratio are key structural design para-
meters for determining vibrationfrequency. Therefore,itis critically
important to include vibration frequency and damping among the
top-level structural design requirements, and meeting these require-
ments will require a design trade between structural mass fraction
and depth ratio.

To establish requirements on vibration frequency and damping,
one must first consider the maximum figure error tolerated by the
telescope system and the spectrum of disturbance loads expected
during and between observations. Furthermore, one must consider
the temporal and spatial bandwidthlimitations of active control sys-
tems and possible nonlinear interactions between the control sys-
tems and the structure. Finally, one must consider the effects of
uncertainties in all aspects of the design and must arrive at reason-
able factors of safety to accommodate for these uncertainties. For
example, it was shown that by assuming a lower limit of uncertainty
ininertialloading during operations,for example, 1 ug,itis possible
to establish a minimum frequency requirement that accommodates
for this uncertainty passively, for example, 10 Hz.
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Ultimately, a well-developed set of frequency and damping re-
quirements should derive from considerationof the cost and perfor-
mance of the structure and active control system options. Clearly,
the historical approach of demanding optical-wavelength precision
and stability in the structureis unnecessaryand likely to lead back to
designs that are massive and impractical. On the otherhand, placing
no demands on the structure by demanding that the active control
systems accommodate all disturbances can easily lead to designs
that are overly complex and risky. Common sense suggests that the
most efficient, practical, and cost-effective telescope designs will
include structural designs that achieve maximum practical passive
stability through proper design and efficient use of the limited mass
and depth allocations.

Conclusions

It has been shown that the vibration frequency and damping of
the telescope structure, independent of telescope size, determines
the passive structural stability and requirements for an active control
system. Analyses of two representative mirror architectures, a ten-
sioned membrane mirror and a truss-supported segmented mirror,
have demonstrated that meeting a specified frequency requirement
will require a trade between structural mass fractionand depth of the
primary mirror support structure, regardless of the structural archi-
tecture. In other words, it has been shown that the cost of achieving
a particular level of passive structural stability in a telescope mirror
can be measured in terms of its structural mass and depth.

In general, future low-cost, that is, lightweight and thin, large
telescopes with low vibration frequencies will necessarily allocate
increased active control error budget in proportion to the square of
the vibration frequency. Although this increased sensitivity to the
disturbance environmentcould be partially offset by increased pas-
sive damping, it is likely that passive damping will be low in future
space telescope systems. This situation dictates the need to attenu-
atebroadbanddynamicdisturbancesthroughisolationor augmented
damping of the telescope structure. This situation also dictates the
need to design the fundamental frequency of the telescopeassembly
to be as high as practical, thatis, within definable limits on structural
mass and depth.

From these analyses, a rationale has been presented for defining
structuralrequirementsfor futurelarge spacetelescopesystems. The
rationale is based on the derivation of an achievable and reasonable
set of frequency and damping requirementsconsideringthe cost and
performance of the structure and active control system options. The
historical approach of demanding optical-wavelengthprecision and
stability in the structure is impractical for future large space tele-
scopes, whereas placing no demands on the structure by demanding
that the active control systems accommodate all disturbances can
easily lead to designs that are overly complex and risky. Common
sense suggests that the most efficient, practical, and cost-effective
telescope designs will include structural designs that achieve maxi-
mum practical passive stability through proper design and efficient
use of the limited mass and depth allocations.

Appendix A: Deformation of a Space Telescope
Under Quasi-Static Inertial Loading

The problem of determining the rms deformation in a telescope
mirror due to a quasi-static inertial load can be solved generally
by application of a modal expansion technique® The mirror can be
representedas an n-degree-of-freedomelastic system characterized
by a mass matrix [M] and stiffness matrix [K]. For this system,
there exists an orthonormal set of eigenvectors {X,,}, that is, mode
shapes, that satisfy

(1/2){X,} = [K1"'[M](X,) (Ala)
(X} (X} = (Alb)

where w, are the eigenvalues,thatis, natural frequencies,associated
with the eigenvectors { X, }.

Consideraninertialloadingofthe systemdefined by the following
vector of d’Alembert forces { F; }:

{F1} = [M){A;} (A2)

Followingthe principleof d’ Alembert (see Ref. 9), the deformations
{ X} resulting from this load can be determined from the following
equivalentstatic problem:

{X,} = [K]7'[M]{A,) (A3)

Without loss of generality, the inertial acceleration vector {A;}
and the inertial deformation vector {X;} can be expressed in terms
of the basis of normal modes { X, } as follows:

(X1} = x,{X.} (Ada)

{A1} = a,{X,} (Adb)
where, by definition,

x = (X, ) (X1} (A5a)

a, = {X,}"{A} (A5b)

Substituting Eqs. (A4) into Eq. (A3) gives
(X} = a,[K17 ' [MI{X,) (A6)
Substituting the identity from Eq. (Ala) into Eq. (A6) gives
% (X)) = (a, /) (X.)
which, forany nonzeromode { X, }, reducesto the followingidentity:
X, =a,[o} (A7)

The general solution for the deformation due to inertial loading
is found by substituting Eq. (A7) into Eq. (A4a):

(X} = (a,/0?) (X, (A8)

The rms magnitude of deformation is given by the norm (i.e., the
square root of the inner product) of the deformation vector. When
it is recalled that the basis of normal modes { X, } satisfy Eq. (A1b),
the rms magnitude of deformation reduces to

Xoms = X1 = VXV (X)) = E:G%> (A9)

n

Similarly, from Eq. (A4b) the rms magnitude of the inertial accel-
eration a,,,, reduces to

Uy = | Y a2 (A10)

n

Note that Eqs. (A9) and (A10) are exact if all modes, that is, all
values of n are included in the summation.

Equation (A9) can be modified by normalizing the vibration fre-
quencies w, by the lowest, thatis, fundamental, vibration frequency
wg. The result is

(A11)

Xrms

Because (wo/w,) <1, Egs. (A10) and (A11) lead to the following
upper bound for the deformation magnitude:

arms arms
N L L (A12)
w; 4m? f;

where f is the vibration frequency (in hertz) of the fundamental
mode.

In many cases, the systemresponse is dominated by a mode other
than the fundamental mode. In these cases, a better estimate for the
magnitude of the deformation can be derived by substituting the
frequency of the dominant mode (rather than f;) into Eq. (A12).
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Appendix B: Inertial Disturbance Loads

The quasi-static disturbance loads that can affect the dimen-
sional precision of a large space telescope include gravity gradient
loads, slew loads, and solar-pressureloads. Appendix B will present
boundinglinear analyses for the inertial accelerationsand deforma-
tions caused by each of these disturbances. Numerical results will
be presented for two extreme cases: a 25-m gossamer telescope mir-
101 (Pareal = 1 kg/m2 Jo=1Hz) and the 2.4-m HST mirror (puea ~
200 kg/m? and f, ~ 100 Hz).

Gravity Gradient Loads

The strength of a gravitational field varies with position in the
field. Therefore, any finite sized body in a gravitational field expe-
riences a slightly varying gravitational acceleration across its span.
For the body to move as a rigid body through the gravitational field,
internal forces develop to compensate for the slight variations in
gravitational forces. For a large orbiting telescope, these forces can
be large enough to distort the optic appreciably.

A point mass at a distance R from an attracting body experiences
an inertial gravitational acceleration of magnitude:

|Ai|grav =M/R2 (Bl)

where u is the product of the mass of the attracting body and the
universal gravitational constant.!” Similarly, an orbiting telescope
with a mirror of diameter d, aligned along the radial direction to the
attracting body, experiences a maximum variation in gravitational
acceleration across the mirror, that is, gravity gradient, given by

AlA;lgray = (/RH[1/(1 —d/2R)* — 1/(1 + d/2R)*]
=2ud/R’ (B2)

The period of a circular orbit Ty, is related to the radius of the
orbit R and p by

Qr/Tow)* = n/R° (B3)

Hence, from Eqs. (B2) and (B3), the maximum variation in grav-
itational acceleration across a telescope mirror of diameter d, in a
circular orbit of period Ty, is simply

AlAi|grav = 2d(27[/Torb)2 (B4)

For a 25-m gossamer telescope mirror orbiting in low Earth or-
bit (T, =~ 5400 s), the variation in gravitational accelerationis ap-
proximately 6.8 x 107 m/s*> (7 ug). Low Earth orbit represents a
worst-case orbit for gravity gradient loading, and other orbits can
be expected to result in much lower inertial loading. Because of
its smaller diameter, the 2.4-m HST mirror only experiences about
0.7 g of gravity gradient loading in low Earth orbit.

The magnitude of elastic deformation in the mirror due to
gravity gradient inertial loading is bounded by the result given in
Appendix A, Eq. (A12). If the rms magnitude of the inertial acceler-
ationis approximatelyequal to one-halfof the maximum variationin
gravitationalacceleration,thatis, A|A,|/2,Eqs. (A12)and (B2) give
the following bound on the rms magnitude of elastic deformation:

(arms)grav < A | Ai |grav <

47T2f()2 87T2f()2 - (fOTorb)z

(B5)

(xrms)grav =

For the case of a 25-m gossamer mirror with a first frequency of
1 Hz, the maximum deformation due to gravity gradient loading is
approximately 0.9 um rms. As a contrast, the 2.4-m HST mirror
with a first frequency of about 100 Hz experiences a maximum de-
formation of only about eight pm. Clearly, gravity gradientinduced
deformations are well below the threshold of interest for HST, but
may be of concern for future gossamer telescope mirrors.

Slewing Loads
An orbiting telescope undergoing a constant-rate slew with pe-
riod Ty, (relative to an inertial reference frame) experiences a

variation in centrifugal acceleration across the primary mirror of
approximately

A|Ai|slcw = d(ij/Tslcw)z (B6)

Just as for the case of gravity gradient loading, the variation in
centrifugal acceleration during slewing causes an inertial loading
of the telescope mirror, which results in internal loads and elastic
deformations of the mirror. The magnitude of elastic deformation
in the mirror due to this inertial loading is bounded by the result
givenin Eq. (A12). If the rms magnitude of the inertial acceleration
is approximately equal to one-half of the maximum variation in
gravitational acceleration, that is, A|A;|/2, the following equation
bounds the rms magnitude of elastic deformation due to slewing:

(xrms)slcw = d/z(f(lTslcw)z (B7)

Equations (B6) and (B7) are very similar to Eqs. (B4) and (BS),
except for a factor of two, and the period of interest is the slewing
period instead of the orbital period. Typically, slew rates will be
much faster than orbital precessionrates. Hence, inertial loads due
to slewing will be much greater than loads due to gravity gradient.
However, it is not typically critical for the mirror to maintain figure
during slewing, whereas it is critical for it to maintain figure under
the influence of gravity gradient loading.

For the case of a 25-m gossamer mirror with f, =1 Hz and a
slewrate of 1 deg/s (Tje,y = 360 s) the maximum deformationduring
slewing will be approximately 96 um rms. As a contrast, the 2.4-m
HST mirror with f, = 100 Hz experiencesa maximum deformation
ofless than 1 nm during a slew of 1 deg/s. Once again, slew-induced
deformations are well below the threshold of interest for HST, but
may be of concern for future gossamer telescope mirrors.

Solar Pressure Loads

Of course, the mirrors on infrared space telescopes, for example,
NGST, will be shielded from all solarillumination to maintain cryo-
genic operating temperatures. However, it is conceivable that the
backside of some future (noninfrared) gossamer telescope mirrors
might see direct solar illumination, and for very low areal density
mirrors, the pressure due to direct solar illumination might cause
significant deformations.

Solar radiation exerts a pressure according to the following
relationship'!:

Peotar = 4.5 x 107°(k/R2 ) (N /m®?) (B8)
where k is an accommodation coefficient characterizing the inter-
action of the incident photon flux with the spacecraft surface, and
Ry 18 the distance from the spacecraftto the sun [in astronomical
units (AU)]. The value of k ranges between 1 <k <2, where k=1
implies a total absorption of the photon flux and k =2 implies a
perfect reflection in the direction toward the sun.

An upper bound for the rms magnitude of inertial acceleration
due to solar pressure can be found by setting k =2 in Eq. (B8) and
dividing by the average areal density of the mirror Py :

9.0x 10 m
parcalezolar 52

(B9)

(arms )solar =

A body with uniformly distributed mass (i.e., constant value of
Parear) and a uniform surface specularity (constant value of k) would
experience a uniform accelerationin response to the solar pressure.
Hence, such a body would not experience any elastic deformation.
However, a body with nonuniformmass distributionor surface spec-
ularity would be expected to deformelastically as well as accelerate
(inertially) in reaction to the solar pressure. An upper bound for
the rms magnitude of elastic deformation due to solar pressure is
defined by

(arms)solar 2.28 x 10_7
= m
4r? f()z f()z Pareal Rszola,.

where fj is in hertz, pueq is in kilograms per square meter, and Ry,
isin AU.

(B10)

(xrms )solar =
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For example, the 25-m gossamer telescope mirror with prea =
1 kg/m? and f, =1 orbiting near the Earth, that is, Ry, =1 AU,
could be expected to see accelerations due to solar pressure no
greaterthan 9 x 1078 m/s? (0.92 ug). Furthermore, this loading can
be expected to induce deformations in the mirror no greater than
0.23 um rms. By contrast, if the HST primary mirror were to be
illuminated by direct sunlightin its low-Earth orbit, it would be ex-
pected to exhibit deformations no greater than 0.1 pm. Once again,
deformations from solar pressure loading are of no consequenceto
the HST but could be significant for future gossamer mirrors.

The precedinganalyseshave shown that quasi-staticinertial loads
can easily be on the order of 0.1-10 ng and (for a gossamer mirror)
induced deformations can easily be on the order of 1-100 yum rms.
Althoughitis possibleto reduce these inertial loads through prudent
selection of orbit and operational considerations,for example, slew-
rate limitations, it is also prudent to assume some lower limit of
uncertainty for inertial loading that must be tolerated by the mirror.
Forexample,it mightbe reasonableto assume that any mirror system
must tolerate at least 1 pug of uncertainty in inertial loading during
operations. This assumption leads to the need for robustness in the
design of the mirror structure and active control systems.
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